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The paper describes the coutse, conditions and results of the impact test of the supporting frame of the
test station for dynamic tests of gears. The test station makes it possible to simulate different gears
operating conditions. The basic support frame structure of the test station was evalu-ated as unsufficient
based on the results of measurement and processing of the measured low and high frequency vibration
values in the verification series of experimental tests. The basic failure of the original design were the
significant resonance actions that were the results of the dominant sources of vibration being near the
natural frequencies of the vertical and horizontal beams of the test station base. A structural design of the
test station supporting frame was designed and implemented. The goal was to increase the rigidity of the
frame and eliminate unwanted resonance phenomena. The impact tests were used to determine the va-
lues of the natural frequencies of the most stressed parts of the supporting structure - vertical and hori-
zontal beams, before and after implementation of struc-tural modifications. The comparability of the
impact test results was determined by adherence to identical measurement conditions.
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close to real operation. The aim of frame modificati-

1 Introduction ons is to reduce the dynamic load of the functional

Gearing, as the most common transmission me- parts of the transmissions, to improve their parame-
chanism in a machine unit representing a dynamic sys- ters and thus increase their service life.
tem, is often a crucial element that determines the dy-
namic propetties of the entire system. In real applica- 2 Test station

tions the dynamic properties and behavior of gears in
the field of power and kinematic transmissions does
not have an ideal character defined only by the gear
ratio. The nature of a particular transmission mecha-
nism is determined by a number of factors. Especially
in transient states, with improperly selected gearbox
parameters, there can be a great dynamic stress on
their functional parts. When designing transmissions,
it is usually that a wide range of required properties
like operating parameters, economic characteristics
and also environmental ecology will meet. Therefore,
universal solutions cannot be expected and it is ne-
cessary to look for a specific solution for each specific
problem.

At the Department of Technical Systems Design
and Monitoring, Faculty of Manufacturing Technolo-
gies, Technical University in KoSice, a test station was
designed and built for the realisation of dynamic tests
of gears. The test station makes it possible to simulate dicting the results of experimental dynamic
different operating conditions and to carry out short- tests of gears and belt transmissions.
term as well as long-term comparative tests of diffe-
rent types of gearboxes. It is possible to test, for
example, a selected type of gearbox with various de-
sign and technological modifications in conditions

The test station in Fjg. 7 simulates a work machine.
A detailed description and a schematic diagram of the
test station are given in [1]. The load on the gearbox
from the implement is generated by a weight that
moves vertically in a guide protected in both directi-
ons (up and down). The operation of the test station
is controlled by a frequency converter according to the
selected load program. Rotational speed and load can
be changed as required. The reverse movement and
the continuous operating mode make it possible to
monitor the course of wear of the functional parts of
the gears and to assess their service life in the accele-
rated mode.

In addition to our research into the dynamics of
gears, other requirements were set during the design
and implementation of the test station:

e In the field of research: the possibility of pre-

e In the field of education: the use of a test sta-
tion as a visual teaching aid in the technical
mechanics and machine parts teaching pro-

Cess.
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A mathematical model and digital prototype of the
test station were created. Based on the mathematical
description of the machine given in [1], a block simu-
lation diagram of the dynamic model of the test station
formed in the MATLAB computer system. In Simu-
link, a dynamic model of the test station was created
on the basis of its mathematical relations. The next
step was to create a block diagram of the model in
Simscape, supplemented by blocks that take into ac-
count all losses and resistance moments. The indivi-
dual blocks correspond to the physical elements that
form the test station. With the model, it is possible to
perform experiments similar to those on a real object.
By simulating the operation of the tested gearboxes, it
is possible to set the input parameters of the labora-
tory tests so as to avoid the risk of their damage right
at the beginning of the test operation. At the same
time, the course of the simulation can be compared
with the real parameters measured during the test ope-
ration at the test station.

Fig. 1Test station for dynamic tests of gear A — before and B
- after design modification

Fig. 23D model test station for dynamic tests of gear A —
before and B - after design modification

A digital prototype of a test station for dynamic
testing of gear and belt transmissions was created in
the Autodesk Inventor Professional graphics systém
(see Fig. 2). In the environment for Dynamic simula-
tion, the basic model of the test station was modified
to perform vatious kinematic and dynamic analyses.

2.1 Functional tests of the test station

The basic requirement for the functional use of the
test station was to obtain objective and comparable re-
sults of experiments. This requirement was verified by
functional tests. In the first stage of the tests, was tes-
ted the correct functioning of the test station, measu-
ring instruments and equipment. The selection of me-
thods for measuring the wear of functional parts of
transmissions and diagnostic methods to assess their
technical condition were also assessed. Commonly
manufactured single-speed helical gearboxes Z80-]-
010-P were used as the tested object. During the ex-
perimental operation, the technical condition of the
helical gearboxes was monitored in two different ope-
rating modes. According [2] the operating conditions
have been designed to achieve a maximum of 70 + 80
% of the nominal power of the gearbox guaranteed by
the manufacturer. The following dynamic characteris-
tics of helical gearboxes were measured and evaluated:
the size of the load amplitudes and its frequency, the
oil temperature, the wear of the helical gear teeth. Af-
ter the end of the test operation, an impact test was
performed to verify the functionality of the stand. A
detailed description of the preparation and running of
a series of validation experimental measurements is

described in [3]

5.1 Results of verification tests.

According to [3], based on the results of measure-
ments of dynamic quantities (temperature, vibration,
ultrasound), it was found:

e significant difference of measured parameters

depending on the load of the gearbox,

e significant changes in the measured parame-
ters during heating, the effect of thermal ex-
pansion of helical gear teeth, bearings and
chain on the clearence, until the temperature
stabilizes,

significant resonant events, high mechanical vibra-
tions above the recommended limit of Alarm 2 - ha-
zard according to [4] ISO10816-3 Vibration Severity
Standard), mainly the vertical beam and the horizontal
frame under the sprocket, the transmission of these
vibrations to the transmission and a significant deteri-

oration of the engagement conditions on the gear,
e unfavorable operating conditions when star-

ting the engine (gearbox), especially due to
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higher loads, oscillations and insufficient
chain guidance, again transmission of vibrati-
ons to the gearbox.

The basic supporting structure of the test station
was evaluated as unsatisfactory after processing the
measured values of low-frequency and high-frequency
vibrations in a verification series of experimental tests.
The main shortcoming of the original design were sig-
nificant resonance events. The occurrence of resonant
phenomena was due to the fact that the dominant
sources of vibration were located near the natural
frequencies of the vertical and horizontal beam of the
basic structure of the test station.

3 Resonance as a special fault

When identifying faults on rotary machines using
vibration diagnostics, in addition to common faults,
we sometimes encounter a special fault, which is not
really a fault. It is resonance or operation at critical
speeds. Resonance occurs when the frequency of the
excitation force is the same as the natural resonant
frequency.

In technical practice, the most common cause of
forced oscillations are excitation force effects arising
during the operation of machines. According [5], [6],
etc. the presence of vibrations adversely affects not
only the life cycle and reliability of the machinery, but
also the working environment. This is especially true
for rotary machines, where generated periodic forces
are transmitted to the device itself, but also to its
surroundings, e.g. to the basics of the machine. The li-
miting factor in terms of vibration isolation is most
often the amplitude of oscillation. The principle is that
the operating mode of machines must be chosen so
that the circular frequency of the excitation force is
significantly far from the natural circular frequency
Qo, usually in the supra-resonance atea ® > €2y, be-
cause, on the basis of the amplitude characteristic (Fig.
3), this is where the amplitude decreases significantly.
[7]

The theoretical justification of the course of the re-
sonance curve in Fig. 3 according to [8] results from
the motion equation of the forced oscillation of a
spring oscillator with parameters 7 and £ (for simpli-
city, a non-damped oscillator is considered). If a hat-
monic force acts on the oscilator F(t) =
Fysinwt [N] the motion equation of the oscillator
has a shape

mx = —kx + Fysinwt, ¢

Where:

m... Weight of the Body [kg],

x..Displacement amplitude [m],

X...Acceleration amplitude [m-s?]

k...Spring stiffness [N-m-],

Fy sin w t... Excitation force [N].

With the substitution into the equation (1)X =
—w2C SN Wiy, X = C Sin wpgyrand adjust to the
relation for the amplitude of the forced oscillations

c 22 [m] max (2)

0z 2
mO5—w

Where:
Cax... Maximum forced oscillation amplitude [m],
o... Frequency of oscillation [rad-s -1],
(... Natural angular frequency of free undamped
oscillation [rad‘s™!], which is defined by the
equation (3):
NE = % [rad.s™1] 3)

It is clear from the result that at @ — Qo the am-
plitude of the forced oscillations increases without re-
striction (Cmax —> ). This is just a physical abstraction,
because every real oscillator is always damped and its
resonant curve corresponds more to the curve 1 in
Fig. 3. From the graphical representation of the osci-
llation amplitude as a function of the angular freque-
ncy it can be seen that the amplitude of the forced
oscillation C with a gradual change in the circular
frequency of the excitation force ® from 0 where it
firstly gradually increases, in resonance area, that is
near ® = Qo (N = 1) reaches its highest value and
further increases ® —> o asymptotically approaches
zero. It is clear from the graph that the amplitude of
the forced oscillations reached the largest value at the
frequency of the excitation force, which is almost
identical to the frequency of the oscillatot's own osci-
llation (@ = €0). In oscillation theory, we call this state
resonance and the surrounding environment n = 1
area of resonance. The position of the curve ma-
ximum determines the resonant frequency of the os-
cillator and the damping effect of the system also has
a significant effect on the shape of the curve. The
sharp maximum is characterized by an oscillator with
low damping (curve 1), the oscillator with higher dam-
ping has a resonant curve with a less pronounced ma-
ximum (curve 2).
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Fig. 3 Resonance curve
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Where % is the Dynamic coefficient and 1 is the
Frequency ratio defined by the equations
x = he O

Csel-T

1= 1, ©)
and Cy [m] is amplitude caused by static load of
maximum excitation force.

4 Solving adverse resonance events

In resonance case, even a small imbalance will
cause a high response in the system and high vibrati-
ons will occur. In order to be able to eliminate this
phenomenon, it is necessary to identify it and precisely
determine the natural resonant frequencies. Usually,
the natural frequencies are determined by means of a
bump test. Several studies offer valuable insights on
research and response to adverse resonance events
(see in particular [9], [10], [11], [12], [13] and [14]).

In general, there are two ways to deal with resonant
phenomena:

e changing the frequency of the driving force,

(engine shaft revolutions),
e tuning the system, that means moving the re-
sonant band to a frequency range where there

1S no excitation.

Generally for resonant frequency f:

fo=o0|n [HZ], ©)

From the equation (6) with increasing stiffness (£)
the resonant frequency increases (shifts upwards), and
with increasing mass (7) the resonant frequency
decreases (shifts downwards).

In the case of the test station, alternative - opti-
mization of the structure of the supporting frame -
was chosen for the solution of resonant phenomena.
The aim of the measures is to increase the rigidity of
the basic structure of the test station. Reinforcement
of the frame, securing of the chain guide and sufficient
fastening of the weights should have a positive effect
on the elimination of vibrations and the displacement
of the resonant band of the basic structure outside the
frequency range of the excitation forces.

A design of structural modifications of the test sta-
tion supporting frame was prepared. Fig. 7 shows a 3D
model of the original test station and a modified
version. After the real test station frame was reinfor-
ced, an impact test was repeated. By measuring and
comparing the natural frequencies of the test station
basic structure before and after the design modifica-
tion, the fulfillment of the expected goal was checked.

5 Impact test

The natural frequencies of the mechanical system
were determined by the bump test of the mechanical
system:

e Before design of the test station, after com-

pletion of the functional tests described in [3].

e After modification of the test station frame

support design.

The impact test was performed at rest state of the
mechanical system. The values of the natural frequen-
cies of the supporting structure most stressed parts
(vertical and horizontal beam) and the tested helical
gearbox were measured. The condition for the com-
parability of the results of the impact test was the ob-
servance of identical conditions during the measure-
ment.

5.1 Description of the bump test conditions
Used measuring instruments and aids:

e measurement system OKTALON, graphical
programing software LabVIEW with mea-
surement algorithms — recording and proces-
sing of the measured signal,

e vibration acceleration sensor - ACC-100
mV/g, fixing - flat magnet,

e impact hammer.

Measurement procedure:
e Calculation of expected excitation force

frequencies (operating frequencies values) —
Tab. 1.

e Preparation of measuring system and vibra-
tion measuring aids.

e Choice of united coordinate system - Fig. 2.

e Determination of measuring points, location
of sensors, direction and sense of impact —
Fig. 4, 5 and 6.

e  Measurement at selected measurement locati-
ons: vibration acceleration sensor mounting,
bump hammer strike near the sensor, vibra-
tion acceleration dumping time recording,.

e Signal processing: vibration velocity wave-
form as a result of vibration acceleration time
wave integration, FFT vibration velocity time
waveform analysis, graphical and tabular pro-
cessing of dominant frequencies.

e Comparison of bump test results before and

after design — Tab. 2.
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5.2 Measurements results e Measurement 2 — Measurement of natural

Several measurements were performed at different frequency of vertical frame.
points of the test station supporting structure. Below
are the results of selected measurements. At Fig. 4, 5,
6 the location and course of the bump test at selected
locations are shown. The direction of sensing the vib-
ration signal and the direction of the modal hammer
bump are indicated. After bumping in the indicated @
direction, the vibrations generated were recorded by a . y s h
vibration acceleration sensor. Regarding the determi- i
nation of natural frequencies, it does not matter -
whether the spectrum is calculated from the S GNAL
ACCELERATION or VELOCITY time course. The ; ‘,
frequencies in the spectrum are in the same positions SENSING IMPACT
on the "x" axis. The only difference is that DIRECTION DIRECTTON
VELOCITY is calculated from acceleration by inte-
gration. This proportionally amplifies the lower
frequencies and suppresses the higher frequencies. Fig.
7, 8, 9 are showns details of frequency analysis of the
shock damping time course with the indication of the
dominant frequencies obtained from the measure- e Measurement 3 — Measurement of the natural
ment before test station redesign and the results of a frequency of worm gear — horizontally in
frequency analysis time course of the shock damping
after design changes.

e Measurement 1 — Natural frequency measure- IMPACT. 4

Fig. 5 Measurement 2 - Measurement of natural frequency of
the vertical frame

worms axis direction.

ment of the table with drive mechanism in | DIRECTfON

vertical direction

—

° -

- . SIGNAL
SENSING

‘8% ' precTION

.‘N
SIGNAL IMPACT
SENSING DIRECTTION
DIRECTION

Fig. 6 Measurement 3 - Measurement of gearbox natural

. Sfrequency in worms axis direction.
Fig. 4 Measurement 1 - Measurement of the natural freque-

1y of the table in vertical direction
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Fig. 7 Measurement 1 A - frequency spectre before the design change, B - frequency spectre after design modjfication.
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Fig. 8 Measurement 2 A - frequency spectre before the design change, B - frequency spectre after design modification
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Fig. 9 Measurement 3 A - frequency spectre before the design change, B - frequency spectre after design modification

6 Evaluation of natural frequency measure-
ment results

Repeated impact tests revealed a significant shift in
the natural frequencies of the vertical and hotrizontal
beams in the frequency spectrum (see Tab. 2). In the
vertical and horizontal direction, there was a signifi-
cant decrease in the amplitude of the vibration speed
after the reinforcement of the frame and a shift of the
dominant frequencies far outside the operating values
of the frequencies of the excitation forces. For
example, in the case of a horizontal table beam, the

Tab. 1 Expected frequency - basic calenlation

dominant frequencies have shifted from an area from
30 Hz to 90 Hz to an area close to 800 Hz. This creates
conditions for obtaining objective results of the plan-
ned experimental measurements and for other
transmissions and other operating conditions. The na-
tural frequencies of the helical gearbox housing were
also measured repeatedly. The shift of the values of
the dominant frequencies with significant peaks of the
amplitude can be explained as a consequence of the
disassembly of the gearbox and its reassembly on the

reinforced table.

Structural Node .Frequency

Cycles / min Hz
Engine, input into gearbox, Clutch, Worm 1400 23.3
Output of the Gearbox, Sprocket 45.16 0.753
Transmission chain, frequency of chain links 768 12.80

Tab. 2 Freguencies with dominant vibration values before and after design

Frequency [Hz]

Measurement 1

Measurement 2

Measurement 3

Condition before design change 34.5; 45.5; 89.3

6.6; 10.4; 55.7

33.7; 78.6; 88.4

Condition after design change 797.6; 865.5; 896.2

68.2; 162.7; 326.59

68.3; 100.9; 226.2
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7 Conclusions

Vibration diagnostics belongs to modern methods
of non-destructive technical diagnostics, by means of
which it is possible to determine the current technical
state of vatious production machines and equipment
directly in the process of operation. The use of met-
hods of vibration diagnostics is the basis of experi-
mental tests of dynamic properties of gears. A test sta-
tion was designed and built for the implementation of
experiments. Verification tests proved the shortco-
mings of the stend. The main shortcoming of the ori-
ginal design were significant resonance events. The
aim of the design modifications of the testing station
for dynamic testing of toothed and belt drives was to
eliminate the danger of resonance and increase the
stiffness of the basic stend structure. A bump test per-
formed under the same conditions before and after
frame reinforcement confirmed that by the structural
modification of the testing facility was achieved a
higher rigidity of the base frame. Shifting the natural
frequencies, especially of the vertical and horizontal
beam, outside the operating frequencies of the tested
transmissions is a necessary condition for achieving
objective results of the planned experiments.
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